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Abstract 
A numerical study has been conducted to investigate the fluid flow and heat transfer of an air-cooled 
metal foam heat exchanger under the high speed laminar jet confined by two parallel walls for which the 
range of the Reynolds number is 600-1000. Two independent numerical solvers were used and cross-
validated being a FORTRAN code and the commercially available software CFD-ACE. The effects of local 
thermal non-equilibrium, thermal dispersion, porosity, and pore density on the heat transfer augmentation 
are examined for different Reynolds numbers. Application of energy flux vectors, for convection 
visualization, is also illustrated for a more comprehensive analysis of the problem. Finally, the performance 
of the metal foam heat exchanger is compared to that of conventional finned design. It is observed that the 
heat removal rate can be greatly improved at almost no excess cost.  
Keywords: heat removal, porous, metal foam heat exchangers, convection visualization, heatlines, laminar 
jet 
 
Nomenclature  
C jet to wall distance, m 
CF inertial coefficient  
CP specific heat at constant pressure, J/(KgK) 
CT coefficient defined in Eq. (9) 
d fibre diameter, m 
Da Darcy number, K/W2 
E dimensionless energy flux vectors 
h heat transfer coefficient,  ⁄  
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H height of the metal foam, m 
hv volumetric heat transfer coefficient,  ⁄   
K permeability of the metal foam, m2 
k thermal conductivity,  ⁄  
L length of the metal porous foam, m 
Le length of channel downstream from the metal foam, m 
Nu Nusselt number, hW/kf 
Pr Prandtl number, µCp/
 
q heat flux, W/m2 
Re Reynolds number,  ⁄  
T temperature 
u velocity in axial direction, m/s 
U dimensionless velocity in axial direction, u/Vj 
UM dimensionless magnitude of the velocity, √     
v velocity in transverse direction, m/s 
V dimensionless velocity in transverse direction, v/Vj 
W width of the slot jet nozzle, m 
x, y Cartesian coordinates, m 
X, Y dimensionless Cartesian coordinates, x/W and y/W 
Greek Symbols 
ε porosity of porous metal foam 
 viscosity, Kg/(m.s) 
 dimensionless temperature,     
⁄ ⁄  
 density, Kg/m3 
 vorticity 
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Ψ stream-function 
Subscripts 
ave     average 
d thermal dispersion 
f fluid 
j jet nozzle 
p porous 
s solid  
w channel wall 
X,Y X,Y component of the vector 
Superscript 
* effective 
 
Introduction  
One of the most important classes of porous media is metal foam with low density and novel 
thermal, mechanical, electrical, and acoustic properties [1]. Having high surface-to-volume ratio, being 
lightweight with high strength and rigidity, metal foams can be used in thermal applications as highly 
efficient heat exchangers [2-4] in addition to existing porous matrix heat exchangers [5-9]. 
Among heat exchanger configurations, impinging jet has always been a very popular one. Several 
works have been done on thermal characteristics of the impinging jets [10-12] showing that heat transfer 
could be enhanced by increasing the Reynolds number and decreasing the distance between the jet nozzle 
and the heat source. Lin et al. [13] have reported experimental measurement with confined slot jet 
impingement while Sahoo and Sharif [14] have reported a numerical study of mixed convection for a similar 
configuration. Kim and Kuznetsov [15] have studied air jet normally impinging on a pin-fin heat sink. They 
showed the optimum porosity for maximum heat dispersion depends on the pin-fin thickness, height, and 
Reynolds number.  
In view of the above, it will be of particular interest to examine the performance of a jet in a porous 
medium. Fu and Huang [16] have numerically analysed different shapes of porous boxes using confined slot 
jet. Recently, Jeng and Tzeng [17] numerically studied the fluid flow and heat transfer characteristics of the 
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metallic foam heat sink under the laminar slot jet confined by a parallel wall with air as the working fluid for 
Re<500.  
This work, not a simple extension to a previous study [17], considers higher Reynolds numbers up 
to Re=1000 for which one can still expect a laminar jet. Application of energy flux vectors, which are 
convenient replacements for heatlines [18-20], is also addressed for better understanding of the problem. 
Two numerical solvers are cross-validated here being our FORTRAN code and the commercially available 
software CFD-ACE. 
Furthermore, the heat removal rate of a metal foam heat exchanger is compared to that of a pin-fin 
type. One of the motivations behind this study is to examine heat removal from geothermal power plants. 
This is an emerging technology in Australia where power generation from hot deep, down to 5 kilometres in 
some cases [21], rocks is to be performed. What makes the heat removal from such power plants rather hard 
is the fact that the power cycle is a binary one [22], with a very low thermal efficiency, which requires 
higher heat transfer rates for areas where water is already scarce [23] and cannot be used for evaporative 
cooling. Hence, efficient heat transfer augmentation techniques should be implemented for air cooled heat 
exchangers to dump the condensation heat.  
 
Mathematical modelling  
Block type metal foam, assumed to be homogenous and isotropic, is placed at the bottom wall in the 
middle of a two-dimensional channel. A slot jet is positioned above the channel from which air is blown into 
the aluminium metal foam, placed there to remove the uniformly generated heat from the bottom plate, and 
is exited from the channel outlet at both ends at a higher temperature. The computational domain, as shown 
in Fig. 1, corresponds to the half of the physical domain with L being the length of metal foam heat 
exchanger and W being the width of the jet. Besides, H and C are the height of the foam and jet to metal 
foam distance, respectively. The inlet conditions are uniform velocity and temperature while the heated 
surface is maintained at an isoflux condition. Governing equations for laminar steady incompressible flow 
of air with constant thermophysical can be presented as 
U  ΨY,   V   ΨX           (1) 
ω   UY  VX   
!Ψ
X!  
!Ψ
Y!         (2) 
U ωX  V ωY   "
!
R$D&ω  ε
!CFUM
√D& ω ε
!CF
√D& *U UMY  V UMX +  εR$ 
!ω
X!  
!ω
Y!   (3) 
U θ,X  V θ,Y   N.,/R$P1 θ2  θ3  4R$P1 5 X 6*K,
89K:
K, + θ,X;  Y 6*K,
89K:
K, + θ,Y;<   (4) 
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0  Nu32θ3  θ2  K/8K, *
!θ/
X!  
!θ/
Y! +        (5) 
  Nu32  ABW!K,            (6) 
The above governing equations are nondimensionalized by adopting the following parameters: 
X   EW ,     Y  HW ,     U  .VI ,     V  JVI        (7) 
where K is the permeability, KL is the inertia coefficient, M is the porosity, N8 is the effective conductivity of 
the solid phase, and 8 is the effective conductivity of the fluid phase. Moreover, O the thermal dispersion 
conductivity, and PQ the volumetric heat transfer coefficient between solid and fluid phase are given by [17] 
 
K:K,  0.06RePr√DaUM          (8) 
hJ 
C,K,\ρ,:]^!_B! µ,ε `
a.b
P1a.cd
e!          (9) 
It has been reported that the Nusselt number may depend on the way the heat flux is split between the solid 
and fluid phase [8], but in present study, a divided heat flux condition for the solid and fluid phase is used at 
the bottom of the metal foam [24]. Choosing L$  15C  H reassures us that the fully developed 
conditions are achieved and the exit effects are eliminated from the region of interest. The appropriate 
boundary conditions are  
 X  0       U  0,  VX  0,  Ψ  0,  ω  0   θ,X  θ/X  0  (10) 
  X  L 2⁄  Le/W  VX  UX  0,   
!Ψ
XY  0, ω   UY,   θ,X  0            (11) 
0 m Y m L/2    U  V  Ψ  0,  ω   UY, θ3  θ2,  no
8
no
pqo
pr  ns
8
no
pqs
pr  1            (12) 
 
L
 m Y m Le  L/2    U  V  Ψ  0,  ω   UY,  θ,Y  0             (13) 
The concepts of heatfunction and heatlines were introduced for the purpose of visualizing the true 
path of the flow of energy through a convective medium by Bejan and extended to convection in porous 
media [9]. The heatfunction accounts simultaneously for the transfer of heat by conduction and convection 
at every point in the medium and is defined, in terms of our dimensionless variables, as  
H,
Y q  U3T3 RePr  T,X           (14) 
yH,
X q  V3T3RePr  T,Y          (15) 
for clear fluid region and as 
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Hz
Y q  U{T{RePr  K,
89K:
K,
Tz
X  K/
8
K,
T/
X         (16) 
yHz
X q  V{T{RePr  K,
89K:
K,
Tz
Y  K/
8
K,
T/
Y          (17) 
for porous medium so that the net flow of energy (thermal diffusion and enthalpy flow) will be zero across 
each H=constant line. According to Hooman et al. [18], energy flux vectors can be used as a shortcut way of 
seeing the energy paths in a convective medium. In this case these vectors are defined, in dimensionless 
form, as  
EX  U3T3 RePr  T,X            (18) 
EY  V3T3RePr  T,Y           (19) 
for clear fluid region and as 
EX  U{T{RePr  K,89K:K,
Tz
X  K/
8
K,
T/
X          (20) 
EY  V{T{RePr  K,89K:K,
Tz
Y  K/
8
K,
T/
Y           (21) 
for porous (metal foam) region. 
Computations have been performed for two different samples of high porosity metal foams of [3], which 
lead to the highest Nusselt numbers for Re<500 according to [17], i.e.  
Case a1: }  0.97, d=0.05mm, CF=0.97,  K=2.7x10-7m2, N8=2.48, 8=0.0256  ⁄ , K=0.108 
Case a2: }  0.91, d=0.055mm, CF=0.85,  K=1.8x10-7m2, N8=6.48, 8=0.0237  ⁄ , K=0.332  
In the light of [17], the following parameters will lead to the highest convective heat removal 
L/W=10, C/W=2, H/W=2, W=10mm                     (22)  
so that we used the same geometrical constraints and defined the local and average Nusselt numbers, 
respectively, as follows 
  y  4q           (23) 
Q    O
/!a  ⁄           (24) 
 
Numerical details 
            Numerical solutions to the governing equations for dimensionless vorticity, stream-function, and 
temperature are obtained by finite difference method, using the Gauss-Seidel technique with SOR. The 
governing equations are discretized by applying second-order accurate central difference schemes similar to 
[25-27]. For the numerical integration, algorithms based on the trapezoidal rule are employed similar to 
[28]. All runs were performed on a 500 x 600 grid with the Darcy number ranging from 0.0027 for case a1 
and 0.0018 for case a2. Grid independence was verified by running two different grid sets 500 x 600, 
600x720 to observe less than 1% difference between results. The convergence criterion (maximum relative 
error in the values of the dependent variables between two successive iterations) in all runs was set at 10-5.  
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The above procedure was done for the validation of the FORTRAN code and repeated for the other 
solver being CFD-ACE where we used triangular mesh system with a transition factor 1.1 and the minimum 
cell size of 10-5. We then changed the maximum cell size from 0.1 to 0.01 to see that the results, based on 
these two different grids, are effectively the same. 
Similar to [29,30], we cross-validated the results from our FORTRAN code with those obtained by 
CFD-ACE for the highest Reynolds number to make sure the code is generating accurate results. As a 
sample of our extensive checks, Fig. 2 is presented to show that the results, obtained from the two 
independent numerical solvers, are almost indistinguishable; here for Re=1000 and case a1.  
 
Results and discussion  
The numerical results of the recent study were compared with those of [17] for Reynolds number 
less than 500 where excellent agreement has been observed. As samples of our numerical results, figures 2-5 
are presented. Fig. 2 shows V at different cross-sections of the metal foam for Re=1000 and case a1. As 
expected, the highest V-velocity occurs at the symmetry where the flow is almost unidirectional. This Vmax 
value changes, as we move towards the heated wall, from almost half of the jet velocity Vj to zero at the 
impermeable wall. Note that V changes sign as the flow enters the metal foam when X=1. This means that 
the flow will move upward when 1<X<5 because of the momentum resistance offered by the metal foam. 
However, as the flow enters the metal foam and moves toward the wall, V changes sign at higher X values 
while both the upward deflection and downward movement of the fluid decrease leading to a flat V=0 
pattern at the wall. This decrease in V, as we move in Y direction, is compensated for by an increase in 
changes in U with respect to X as the continuity equation would suggest.  
Figure 3 shows the effect of different Reynolds numbers on fluid flow inside and outside the metal 
foam. A large circulation zone can be observed, just above the metal foam, which can be attributed to low 
permeability of the heat exchanger. As the jet velocity, and hence the mass flow rate, increases more air 
enters the porous region and there will be better heat transfer and mixing at the interface between clear fluid 
and the porous medium. The maximum value of ψ increases with Re signalling that stronger convective flow 
patterns are forming leading to higher mass flow rates through the metal foam.  
The local Nusselt number reaches its maximum value at the stagnation point, but we prefer to work 
with the average Nusselt number, Nuave, as it will give us a better picture of the heat removal performance 
for practical applications. According to Fig. 4, and in line with the results of [17], at the same Reynolds 
number, case a2 leads to higher Nusselt numbers compared to case a1. Comparing the data of this graph 
with those obtained by [15], one realizes that our Nusselt number is higher than that of [15] under similar 
conditions, i.e. at the same porosity and the same size for metal foam and pin-fin heat exchangers. At the 
same porosity values, similar (or very close) permeability and form drag coefficients are expected. This 
means that pressure drops should be almost the same. More importantly, the same porosity indicates that the 
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weight of the heat exchanger, which in some case is the most important contributor to the capital cost, is the 
same. Besides, as both fins and metal foams are mounted on the external faces preference goes to the lighter 
one. This means that fixing the weight, via fixing the porosity, the heat exchanger with higher heat transfer 
rate is the favourite one. For instance, with Re=1000 our average Nusselt number is just above 165 while 
that of [15] with H/(C+H)=0.5 (leading to C=H which is the case here), even when optimized, is less than 
100 (see Fig. 11 of [15]). This fact drives home the point that application of metal foams as heat exchangers 
is more efficient than finned surfaces which is, by itself, an effective way of heat transfer enhancement.  
Figure 5 is presented to show the effects of Re on heat removal process. Two different, one order of 
magnitude difference, Re values are selected. With low Re values conduction heat transfer is dominant 
inside the metal foam because the convective flow patterns, as Fig. 5a shows, are not strong enough to 
remove the heat generated at the wall. It is worth noting that tangent to energy flux vectors are heatlines. 
One clearly observes that heatlines originating from the hot wall will end at the exit while circulating 
heatlines are not transferring energy out of the domain. Interestingly, circulating heatlines are occupying a 
big part of the flow domain for Re=100. Another interesting observation is that at the heated wall, the 
heatlines are normal to the wall indicating conduction-dominated heat transfer at the wall while with 
Re=1000 the heatlines are inclined towards the exit showing the contribution of convection similar to [20]. 
Note also that with Re=100 the heatlines originating from the heated wall meet those originated from 
entrance at the metal foam-clear fluid interface. Nonetheless, with Re=1000, heatlines from these two 
different origins intersect in the porous region. Where these two groups of heatlines meet, was interpreted by 
[31], as the barrier. This is another example of a case when heat transfer direction is opposite to flow of 
fluid which acts similar to the case when the heat transfer direction changes [32-35].  
 
Conclusion  
Two different samples of a metal foam heat exchanger are examined for their potential use, as 
extended surfaces instead of fins, in heat removal from geothermal power plants. Numerical results showed 
that metal foam heat exchangers are superior compared to conventional finned surfaces at no excess cost 
(material weight and/or pressure drop). Thermal dispersion, local thermal non-equilibrium, and non-Darcy 
effects are taken into account, in a parametric study, for different porosity, permeability, form drag 
coefficient, and Reynolds number. Energy flux vectors, and heatlines, are illustrated for better understanding 
of the heat transfer performance of metal foam heat exchangers.  
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Figure Captions: 
Figure1: Schematic view of the computational domain 
Figure 2: The dimensionless Y-velocity V versus X at different distances from the heated wall inside the 
metal foam. 
Figure 3: Contours of stream-lines and velocity vectors for various Reynolds (Sample a1). Equal increment 
with ψmin=0.06. 
Figure 4: Effect of Reynolds number on average Nusselt number for the two samples. 
Figure 5: Energy flux vectors for a)Re=100 (top) and b)Re=1000(bottom) (Sample a1). 
 
         
 
 
 
 
 
 
 
 
 
 
Coolant in 
International Communications in Heat and Mass Transfer 36 (2009) 674–679 
 
12 
 
 
 
  Metal Foam 
 
 
Figure1: Schematic view of the computational domain 
 
 
  
                                       
                                                                                   
                             
 
 
Y
X 
L/2  Le 
H 
C 
W/2 
Insulated walls  
q 
Outlet 
Axis of symmetry 
International Communications in Heat and Mass Transfer 36 (2009) 674–679 
 
13 
 
 
Figure 2: The dimensionless Y-velocity V versus X at different distances from the heated wall inside the 
metal foam. 
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Figure 3: Contours of stream-lines and velocity vectors for various Reynolds (Sample a1). Equal increment 
with ψmin=0.06. 
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                     Figure 4: Effect of Reynolds number on average Nusselt number for the two samples. 
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                       Figure 5: Energy flux vectors for a)Re=100 (top) and b)Re=1000(bottom) (Sample a1). 
0 2 4 6 8 100
1
2
3
4
Re = 100
X
Y
0 2 4 6 8 100
1
2
3
4
X
Y
Re = 1000
